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Abstract

The oil consumption in an internal combustion engine is an important source of pollution and particulate emissions, main efforts 

are done by the manufacturers to reduce to the maximum the impact of the oil consumption on the emissions of the engine, and 

to satisfy the increasingly rigorous standards of pollution. The losses by friction due to piston ring friction explain 20 % of the total 

mechanical losses in internal combustion engines. A reduction in piston ring friction would therefore result in higher efficiency, lower 

fuel consumption and reduced emissions. The goal of this study is to develop a numerical method by using of GT-Suite software 

to analyze the influence of engine speed and engine load during the working cycle on oil film thickness, frictional force, power losses. 

Our  predicted results were validated with the experimental data of a previous study, and they have shown a good agreement. 

The  results in the current analysis demonstrated that the engine speed and load have a remarkable effect on oil film thickness, 

friction force and friction power losses between the top ring and cylinder liner. So, it would help in reducing friction as well as making 

a contribution towards the improvement of engine performance such as torque, efficiency and fuel consumption.
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1 Introduction
The segments oil flow through the combustion chamber 
explains 40 to 80 % of the total oil consumption in the 
engine [1]. Minimizing oil consumption due to segmen-
tation is therefore of primary interest which can signifi-
cantly reduce emissions. On the other hand, the seg-
ments-liner contact friction is a function of the geometric 
agreement of the triplet and therefore inversely related 
to the oil consumption, which explains 10 to 20 % of the 
power losses by friction in the engine. For that, design-
ing a piston and segments of recognized efficiency and 
reliability remains today a most demanding challenge 
for manufacturers and equipment manufacturers in the 
automotive sector. Several researchers have attempted 
to understand the mechanism of movement of piston 
rings by numerical and experimental investigations. 
Harigaya et al. [1] presented the oil film thickness vari-
ation of the upper and secondary segments of a truck 
diesel engine during a cycle by means of capacitive sen-
sors for clearance in the sliding surfaces of the segments. 

Radakovic and Khonsari [2] analyzed the governing equa-
tions and the appropriate numerical resolution method 
to process thermohydrodynamic problems involving thin 
film flows in the presence of transverse compression and 
shear thinning and the thermal and shear effects of the oil 
film on the performance of the rings. For the study of tri-
bological characteristics, Chaudhari and Sutaria [3] made 
a comparison between the obtained results by numer-
ical modeling of the friction force of the different fric-
tion sources and the experimental results. Guo et al. [4] 
used Pro / Engineer software to design three piston rings 
with different profiles for a diesel engine and studied 
the stresses and displacements of the piston and piston 
rings. The focus of this study is to investigate the main 
friction characteristics (such as minimum film thickness, 
friction force, and frictional power loss) between the top 
piston ring and the cylinder liner by taking into account 
changes in engine speed and engine load in order to max-
imize the torque and power of diesel engine. Therefore, 
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this study quantified the correlation between engine fric-
tion measurement and calculation. The estimated results 
for the developed friction models were validated using 
the reference measurement data. In the calculation pro-
cess for modeling, the lubricant oil film pressure and 
thickness were calculated to determine the friction force 
and the power loss of each crank angle.

2 Modeling assumptions of piston-ring-liner
The pressure in the combustion chamber is considered as one 
of the inputs for the simulated engine code was modulated 
using the first law of thermodynamics [5]. For the simulation 
model, we take into account the following hypotheses [6]:

• The shear friction of the lubricant given by the 
Reynolds equation and friction due to the Greenwood-
Tripp roughness contact are considered the main fric-
tion between the rings and the liner.

• The hydrodynamic pressure distribution between 
running surface of the ring and the liner is deter-
mined by solving the Reynolds equation in each 
time step [7].

• The volumes are connected due to the actual clear-
ances of ring end gaps and the actual position of the 
rings in the grooves. The gas flow behind the rings 
and between ring and groove flanks is considered [8].

• The oil film is taken into account between the ring 
running surface and liner by calculating the pressure 
distribution in the clearance.

• It was assumed that the ring contracts and extends 
uniformly around the circumference and that the 
ring sits on a single point with a running contact 
on the top or bottom of the groove. The contact 
points also seal the pressure on one side from the 
other, so that there is a gradual change in pressure 
at this contact point.

• The lubrication regime in the cylinder is influ-
enced by the variation in piston speed, which affects 
the friction between the piston ring and the liner 
throughout the piston stroke. In this study, we con-
sider hydrodynamic lubrication, which means that 
the ring always moves over a complete fluid film.

• The frictional force reaches its maximum where 
the piston speed is highest, i.e. the piston position 
is at mid-stroke. If the engine speed or oil viscosity 
is high, a thick oil film is formed which is not com-
pletely ejected even at dead centers where the piston 
speed is zero [9, 10].

3 Governing equations for piston ring friction and 
lubrication
3.1 Kinematic relationships of connecting rod and 
crank mechanism
The position of the piston will not be affected by the piston 
ring action due to the high inertia of the connecting rod - 
crank system. The piston axial position x, speed U and 
acceleration a relative to the liner as a function of crank-
shaft angular position, measured from TDC, are given 
respectively by [11]:
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In Eqs. (1) to (3):
• R: crank radius [m],
• L: distance between bearing centers on the connect-

ing-rod and the crankshaft lies in the same plane 
as the piston motion [m],

• ω: crankshaft angular velocity [1/s]
• and t: time [s].

3.2 Reynolds equation
In the case of hydrodynamic lubrication, the oil fully sup-
ports the load of the ring on the liner, and therefore the 
frictional force generated by the segment-liner interaction 
depends on the lubricant properties, the height and width of 
the film below the ring surface. To determine the frictional 
force, coupled equations governing the fluid mechanics of 
the lubricant and the forces acting on the segment have to 
be solved. Fig. 1 shows the schematic of studied system. 
In the general case, the unknowns are the minimum oil film 
thickness c, the input wetting coordinate x1 and the output 
wetting coordinate x2 . Between both coordinates, there is 
a transition area where the oil attaches and detaches from 
the ring. Although this zone has a very small axial width 
compared to the axial width of the ring, it has an import-
ant function in the lubrication of the system.

In the Reynolds equation:
• w: the net resultant radial force [N],
• a the width of parabolic portion of the ring face [mm],
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• b the width of the straight portion of the ring 
face [mm];

• δ the inclination of the wedge [°]
• and c minimum film thickness [mm].

Reynolds' equation gives the relationship between the 
height, width and the oil film thickness between ring 
and liner and the oil pressure gradient. We used a 2-D 
approach in which the ring and liner lubrication parame-
ters are determined as a function of piston position, and the 
Reynolds equation is thus reduced to a 1-D form. Based on 
these conditions, the Reynolds equation becomes [12–14]: 
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where h is the oil film thickness under the ring as func-
tion of the coordinate distance calculated from the leading 
edge of the ring x [mm], U the piston velocity and η lubri-
cant viscosity [cst].

Taking into account the symmetry of the axes along the 
cylinder axis, Eq. (4) becomes [15]:
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The film thickness variation under the ring with respect 
to position and time is [16]:

h x t h x h t a t xp r, ,( ) = ( ) + ( ) + ( )×  (6)

where hp is the ring profile height [m] and hr is the ring ref-
erence distance [m].

The surface shear stress of lubricant between two paral-
lel plates is given by the following relationship:
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The friction force can be obtained by integration of 
Eq. (7):

F x dx
b

a
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−
∫ τ .  (8)

The power loss is given by Eq. (9) [9]:
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b
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−
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The Reynolds's equation (Eq. (5)) is solved by using 
the finite difference method and the application of 
the above approximations with boundary conditions. 
Relaxation method is used for finalizing the numerical 
solution using an initial guess for film thickness equation 
(Eq. (6)). The Newtonian lubricant is used in the numerical 
scheme for the lubrication solution. The average Reynolds 
equation is solved to calculate the distribution of hydrody-
namic pressures. The gradients of pressure depend on the 
film thicknesses. Gauss Seidel iterative numerical scheme 
is used to solve the Reynolds and the oil film thickness 
equations simultaneously and show maximum and mini-
mum film thicknesses and pressure fields.

4 Forces acting on the compression ring
The contact between the ring and cylinder wall is ensured 
by the spring action inherent in the ring itself, which 
expands the ring radially [17]. The ring can be inclined or 
moved axially up and down in the groove. Here, only the 
axial movement of the segment in the groove is taken into 
account and it is assumed that the surfaces of the groove 
are flat. The forces acting on the ring in the axial direction 
are shown in Fig. 2 and are expressed as follows [18].

Fig. 1 Hydrodynamic lubrication between the ring and the liner.

Fig. 2 Forces in axial direction
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The pressure force acting on the ring is given by [19]:

F A
P P

p r=
−

1 3

2
,  (10)

where Ar is the ring area in the radial direction and Pi is 
the pressure force in the regions i = 1; 2; 3.

The friction force is calculated from the relation [20]:
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where P is the pressure behind the ring, dr the diameter of 
the ring, Tr the thickness of the ring, U the piston speed 
in m/s and μ the oil viscosity in cst.

The inertia force is due to the mass of the ring and cal-
culated from the relation:

F M ai r= × ,  (13)

where Mr is ring mass [kg] and a is piston acceleration 
[ m/s2 ].

5 Additional modelling considerations
The numerical simulation in this paper is computed using 
GT-suite simulation software. The simulation algorithm 
is established by considering variable piston velocity, 
gas pressure, and lubrication conditions, as well as vari-
able lubricant viscosity. To solve the Reynolds equation, 
the boundary conditions P(x = −b) = P1(t), P(x = a) = P2(t) 
and the piston position during the engine operating cycle 
must be taken into account (Fig. 3). The vertical velocity of 

the body VB = dc/dt is determined by the balance between 
the liner of the ring force W and the lifting force due to the 
lubricant pressure, expressed by [19]:

W P x t dx
b

a
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−
∫ , .  (14)

6 Results and discussion
Table 1 presents the data used in this investigation. Fig. 4 
shows the variation in minimum film thickness ver-
sus crank angle for engine speed of 2000 rpm and par-
tial load. In order to validate the film thickness values 
obtained through simulation, data collected from literature 
was utilized. Lee et al. [20] conducted experiments on a 
four-stroke engine and found the film thickness. The same 
engine parameters were used as input for the simulation 
software to find the oil film thickness. Since some data 
were not available, few assumptions were made as inputs of 
the software, like the ring radial width which was assumed 
to be 0.3 times the bore, ring material properties where the 

Table 1 Engine data.

Parameter Value Units

Connecting Rod Length 127 mm

Crank radius 31.5 mm

Ring Axial Width 1.63 mm

Ring Radial Width 2.63 mm

Bore radius 48 mm

Ring Density 7900 kg/m3

Ring Elastic Pressure 93539 N/m2

Ring Modulus of Elasticity 2.05 e11 Pa

Engine speed 2000 rpm

Oil Density 881.5 kg/m3

Oil Viscosity 0.008736 Pa s

Fig. 3 Open-end boundary conditions.

Fig. 4 Minimum film thickness versus crank angle for engine speed of 
2000 rpm and partial load.
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ring density was 7900 kg/m3 and modulus of elasticity was 
taken to be 205 GPa. The output of the simulation code 
is almost matching with the work done by Lee et al. [20]. 
The small variations could be due to the assumptions that 
were made for the input. The film thickness is maximum 
at the mid-point of the different cycle phases. In the expan-
sion stroke, the oil film thickness is lower. At the dead cen-
ters, the film is very thin, especially at the BDC after the 
expansion stroke and at the TDC at the beginning of the 
intake stroke, which can lead to high wear of the cylinder 
wall due to contact between the surfaces.

Fig. 5 shows the variation of hydrodynamic friction 
force versus crank angle for engine speed of 2000 rpm 
and partial load. There is a good agreement between the 
simulated and the experimental data. That maximum 
friction value is at point of maximum cylinder pressure. 
The negative part of the curve is due to the change of 
piston speed direction through the reciprocating motion. 
It has been observed that the highest friction force value 
occurred during the expansion stroke with a peak of 
185 N, it mainly occurs near the top dead center of com-
bustion, and the value of the friction force is obviously 
higher than that of the other moments.

Fig. 6 shows the variation of hydrodynamic power 
losses versus the crank angle at partial load and an engine 
speed of 2000 rpm. The comparison between the esti-
mated value and the experimental data is in good agree-
ment. During the operating cycle of the engine, the maxi-
mum power losses for both results variants are all reached 
at mid-stroke of the piston and then cancel each other 
out at TDC and TDC, corresponding to the piston veloc-
ity variation. The maximum values of the simulated and 
experimental results are shown in the expansion period. 

From Fig. 5, there is a gap of 20.6 N between the maximum 
values of the two friction forces (estimated and experi-
mental values). This difference can justify the remoteness 
between the two power loss curves for the estimated and 
experimental values in the expansion phase.

6.1 Effect of engine speed
Fig. 7 (a), (b) and (c) demonstrates the impact of engine 
speed on the friction characteristics (friction force, fric-
tion power loss and minimum film thickness) between pis-
ton rings and cylinder liner with SAE 20W40 engine oil 
and at full load. From Fig. 7 (a), the friction force reached 
its peak at TDC during the start of the expansion stroke 
for the tree engine speed due to increased asperity (bound-
ary) friction force with a decrease in sliding speed at this 
location. The results showed that friction force increased 
with increasing engine speed as a result of increasing oil 
film thickness between piston rings and cylinder liner. 
This increase was strongly observed at 2000 r/min.

From Fig. 7 (b), the power losses were observed to reach 
its peak at mid-stroke where the reciprocating speed 
reached its maximum and hence the oil film thickness and 
the hydrodynamic shear being at its minimum at TDC 
and BDC locations where the speed and oil film thickness 
are critically low. Moreover, the power losses increase 
with increasing the sliding speed. This behavior might be 
attributed to the increase in hydrodynamic shear strength 
resulting from the increase in the oil film thickness.

From Fig. 7 (c), the oil film thickness reached its max-
imum value in the middle of the stroke where there is 
hydrodynamic lubrication, while the minimum oil film 
thicknesses tend to be lower at TDC and BDC. These are 

Fig. 5 Hydrodynamic friction force versus crank angle for engine speed 
of 2000 rpm and partial load.

Fig. 6 Hydrodynamic power losses versus crank angle for engine speed 
of 2000 rpm and partial load.
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likely to be the points where the piston ring undergoes 
metallic contact with the cylinder liner (boundary lubri-
cation). In general, the oil film thickness increased with an 
increase in the engine speed (reciprocating sliding speed).

6.2 Effect of engine load
Fig. 8 (a), (b) and (c) shows the simulated results for the 
friction characteristics of the piston's top compression 
ring. Fig. 8 (c) shows that the minimum oil film thickness 
is nearly zero at TDC following the compression stroke due 
to the increasing of cylinder pressure with the increased of 
load, which reduced the thickness of the oil film. In addi-
tion, the minimum oil film thickness increases with engine 
load. The friction force by direct asperity contact increased 
suddenly due to cylinder pressure at TDC. The friction 
force similarly increased with engine load (Fig. 8 (a)). 
From Fig. 8 (b), the power loss of the first compression 
ring had a peak near the middle of the each stroke. This is 
because the piston sliding velocity has a large influence 
on the friction power loss calculation. Although the piston 
sliding velocity is very low, there was a peak power loss 
near TDC due to a very large friction force in the expan-
sion stroke. Analogously, the first compression ring power 
loss increases with engine load at the compression stroke.

Fig. 9 presents the friction coefficient variation ver-
sus engine loads for engine speed of 1500 and 2000 rpm. 
The friction coefficient was found minimum for low load 
and maximum for full load. The reason for minimum fric-
tion coefficient for low load is due to the minimum mass fuel 
injected in the combustion period resulting a minimum force 
acting between the top ring and the cylinder liner. The total 
force can be reduced by using tribopads inserted into the 
piston and tribo-inserts inserted into the cylinder liner [16].

7 Conclusion
The theoretical results obtained with the numerical model 
developed by using of the GT-Suite software prove that the 
engine speed and engine load have an important effect on 
the tribological behavior of the system piston ring-cylin-
der liner. The modification of the engine speed and engine 
load contributes to the reduction of frictional power losses 
and thus to the improvement of the tribological perfor-
mance of the internal combustion engine. At mid-stroke of 
the piston motion, thicker oil films were observed despite 
the presence of higher hydrodynamic frictional forces and 
lower oil viscosity. There was a good agreement between 

(a)

(b)

(c)

Fig. 7 (a) Variation of the friction force versus crank angle 
for different engine speed at full load, (b) variation of the friction 
power loss versus crank angle for different engine speed at full 
load, (c) variation of the minimum film thickness versus crank 

angle for different engine speed at full load.
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the results obtained with the developed numerical model 
and those of the experimental data. In the present study, 
the following result could be deduced; the increase 
in engine speed (from 1000 to 2000 rpm) and engine load 
(from low to full load) increases the friction force, friction 
power loss and minimum film thickness.

Despite a large number of phenomena have been already 
taken into account, many other ones which could signifi-
cantly affect tribological performance, have been omitted. 
In the future these authors plan to take into account occur-
rence of bore distortion orders to investigate the sealing 
capacity of the ring-pack in terms of ring dynamics, inter-
ring pressures and mass flows.
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(a)

(b)

(c)

Fig. 8 (a) Variation of the friction force versus crank angle 
for different engine load at engine speed of 2000 rpm, (b) variation 
of the friction power loss versus crank angle for different engine 
load at engine speed of 2000 rpm, (c) variation of the minimum 
film thickness versus crank angle for different engine load and 

engine speed of 2000 rpm.

Fig. 9 Friction coefficient versus engine speed and engine load.
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